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Abstract—Numerical and experimental studies have been made on the flow and heat transfer characteristics of
atwo-dimensional system with a staggered array of vertical flat plates used in the free—forced mixed convection
regime at low Reynolds number. The numerical schemes presently used are validated through the comparisons
between their numerical results and the corresponding experimental data which were also obtained in the
present study. Through these comparisons, the effects of fin thickness and free-stream turbulence are discussed.
Comparisons are also made between the present two-dimensional computation and the experimental data for
a practical offset-strip-fin type compact heat exchanger and comments on the effects of three-dimensionality
are added. Discussions on the effects of some geometrical parameters of heat exchanger on its performance are
finally presented based on the present numerical works.

1. INTRODUCTION

IN CONNECTION with the practical demand for the
development of high performance heat exchangers,
experimental studies have been made on the flow and
heat transfer performance of offset-strip-fin type
compact heat exchanger by London and Shah [1] and
Mochizuki and Yagi [2]. Related basic studies have
also been carried out experimentally and theoretically
for the two-dimensional heat transfer system with a
staggered array of flat plates by Sparrow et al. [3],
Sparrow and Prakash [4], Cur and Sparrow [5] and
Patankar and Prakash [6]. The present work is similar
to these studies but differs from them in several points.

All the above studies are concerned with pure forced
or free convection flow regimes. In ref. [7], however, a
numerical study was made on the performance of a
vertically mounted two-dimensional heat transfer
system with a staggered array of flat plates of zero
thickness, and it was demonstrated that the free—forced
mixed convection flow regime can easily be established
at low Reynolds number (Re < 1000). The free-forced
mixed convection was found to be effective in reducing
the magnitude of pressure loss inside the heat transfer
system as well as aiding the heat transfer. The reduction
of pressure loss is especially favourable for the heat
exchanger which is to be used to recover thermal energy
from waste gas. The reduction of the power required for
feeding the waste gas is one of the important factors
affecting the net amount of energy to be recovered and
mitigating the necessary amount of investment. The
present study is an extension of the previous work

823

reported in [7] and deals with the free—forced mixed
convection flow regime. In the final part of the present
article, the effects of some geometrical parameters
unexamined in [ 7] will be discussed.

The present study is composed of numerical work
and experimental work. Except for the work done by
Patankar and Prakash [6], no comparison has been
undertaken between the theoretical and experimental
results. Patankar and Prakash compared their
numerical results for a two-dimensional heat transfer
system with the experiments done by London and Shah
for the practical offset-strip-fin type heat exchanger. A
rather large discrepancy was found between the two
results, but they did not give detailed discussions for the
reasons of this. Such a discussion requires firstly
quantitative validation of the wused numerical
computation scheme and for this purpose, some
experimental data for the two-dimensional system are
required. Thus, an experimental study was carried out
in addition to the numerical study and its results will be
discussed in the main part of the present paper in
comparison with the numerical counterparts.

First, two problems which are important from the
practical viewpoint will be discussed. They are the
effects of the fin thickness and the free-stream
turbulence. In the discussions of these effects, some
experimental data will also be compared with their
numerical counterparts. Based on these preparations,
further comparison will be made between the present
numerical computation for a two-dimensional system
and the experiments for the practical compact heat
exchanger reported in [1]. This comparison provides a
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NOMENCLATURE
A total heat transfer area St Stanton number
Ay fin surface area T  temperature
B fin spanwise length Tu turbulence level
C,,C, C, constants t time
C, specific heat at constant pressure U  velocity component in x-direction
C, local pressure loss coefficient ¥V velocity component in y-direction
C¥  total pressure loss coefficient x  streamwise coordinate
[ apparent friction coefficient x;  Cartesian coordinate (i = 1, 2, 3)
g  gravitational acceleration y  spanwise coordinate.
Gr  Grashof number
Gr* modified Grashof number
Greek symbols
H  total depth of heat transfer system . . .
. f  cubic expansion coefficient
h  local heat transfer coefficient ) . Y
. . € isotropic part of dissipation rate of
j Colburn’s j-factor .o
L turbulence kinetic energy
k turbulence kinetic energy
n  recovery factor of thermal energy
L fin offset length \ ..
L A thermal conductivity
L, dissipation length scale of turbulence, . .
W2 4,  turbulent eddy viscosity
M rod pitch of turbulence geid © area ratio epresenting the density of heat
N total number of rows of flat plates or fins ¢ P g Sity of fhiea
transfer surface
Nu local Nusselt number p density
Nu* 1 Nusselt num iven b i
N local Nusselt number given by equation (2) s, turbulent Prandtl number
Nu  mean Nusselt number 0. counterpart of g, for k
P static pressure o, counterpart of g, for ¢
AP pressure correction ¥  stream function
Pr  Prandtl number w  vorticity.
q. wall heat flux
Re Reynolds number
Re* Reynolds number based on the hydraulic Subscripts
diameter and on the averaged gas velocity 0  approaching flow
inside the heat transfer system ~  mean value
S half of the distance of the centre lines m  bulk mean condition
between two neighbouring plates w  fin surface.
basis for further analysis regarding the effect of three- 5
dimensionality of the practical heat exchanger. .
The present numerical computation differs from the 6
works [3] and [4] in that it solves the elliptic type of
differential equations governing the momentum and 3
enthalpy of the fluid. The present computation is
executed for the whole heat transfer system with
multiple rows of fins. In this respect, the present 4§$IIIIII||I— 1 mesh
computation is quite different also from the work by VI km mes
Patankar and Prakash [6], who did the computation ; honeycomb
only for a single module in the fully developed region of 8 contraction
flow and thermal fields to be established for the module 3 4 plates
deep in the system. 5 orifice
6 valve
2. EXPERIMENTAL APPARATUS 7 blower
8 turburence

AND PROCEDURE

A schematic view of the experimental apparatus is
shown in Fig, 1. A vertical heat transfer system having
three rows of flat plates, arranged in a staggered pattern
was located in upward air flow in a low speed wind
tunnel. Each flat plate is an acrylic plate sandwiched

generating grids

GROUND

FiG. 1. Schematic view of the experimental set-up.
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Flow Direction

FiG. 2. Two-dimensional array of staggered flat plates.

between thin metal sheets of 30 um thickness and has
the streamwise width L = 50 mm and the spanwise
length B = 400 mm. The former length is called
sometimes fin offset length. Experiments were carried
out for the two systems of different flat plate thickness,
ie. 1 mm and 4 mm. The pitch of the flat plates, the
distance between the centre lines of two neighbouring
plates, was kept constant at 25 = 30 mm for these two
systems. A sketch of the staggered array of plates is
given in Fig. 2.

The metal sheets functioning as the heat transfer
surface were heated by passing an alternating electric
current through them. Each sheet was heated at
uniform heat flux condition within an accuracy of
about 3%. The five flat plates named C, D,I, Nand Oin
Fig. 2 were used as the main test plates. Seven
thermocouples were attached to the back surface of
each sheet glued to these five flat plates along their
streamwise centre lines and were used to measure the
streamwise distribution of heat transfer surface
temperature. A number of other thermocouples were
attached to the same plates in a similar manner but at
positions off their centre lines and also to other flat
plates. These were used to check the uniformity of the
thermal field in a plane normal to the flow direction. As
a whole, the outputs from these thermocouples show
that the thermal field can be taken as two-dimensional,
but irregular non-uniformity was still found among the
outputs of the thermocouples located at the same
streamwise positions. This can lead to an error in the
local Nusselt number of about 10%; at worst. Thus, the
local Nusselt number was calculated for each
streamwise location with the average of the outputs
from the set of thermocouples provided at the same
streamwise position but at different spanwise positions
or on the different plates.
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The Reynolds number, Re, the local Nusselt number,
Nu*, and the modified Grashof number, Gr*, to be used
in the presentation of the experimental results are
defined as follows :

45U
Re=—2 8
Vo
4Slq.|
*o o odwl )
N = T~ @
4
Gr* = (4S)Agﬂ§|qWI 3)
oYo

where U, is the volume flux of air calculated on the basis
of the hollow cross sectional area inside heat
exchanger ; vo, 4o and f, are respectively the kinematic
viscosity, the thermal conductivity and the cubic
expansion coefficient of air evaluated at the inlet
temperature T, ; g, is the wall heat flux at the plate
surface and g is the gravitational acceleration. The
representative length 4§ introduced in the above
definitions corresponds to the hydraulic diameter of an
ideal two-dimensional channel between the two
parallel plates separated by the pitch 2S.

The volume flow rate of air was measured with an
orifice, 5 in Fig. 1. The density of air at the location of
orifice is smaller than the inlet air density and was
determined by taking account of the total heating
power input. To study the influence of free-stream
turbulence on the heat transfer, square-mesh turbu-
lence grids made of 5 x 5 mm square rods were inserted
500 mm below (i.e. upstream) of the heating system.
Three different turbulence grids having mesh pitches
12 mm, 18 mm and 24 mm were tested. These pitches
were chosen considering that the possible flow disturb-
ing sources in practical situations are likely to have the
dimension similar to the fin pitch of the heat exchanger.

Almost all experiments were carried out at the
Reynolds number below 1000. However, in this range of
Reynolds number, the fluctuating signal from the hot-
wire anemometer was so weak that its signal-to-noise
ratio could not be brought high enough to confirm the
effectiveness of the used grids in generating turbulence.
Thus, an additional experiment was conducted at
Re = 3700 for the measurement of the free-stream
turbulence effect on heat transfer.

3. NUMERICAL COMPUTATION SCHEME

In the present study, two different numerical schemes
have been used. One of them is a new version of the one
used in the previous study [7]. which solves the
governing equations of elliptic type differential
equations for the stream function ¥ and the vorticity w,
the so called y¥—w method. The new version can treat a
transfer system composed of the flat plates with finite
thickness. The second numerical scheme is a modified
version of the one used for the computation of turbulent
heat transfer in recirculating flows 8, 97, which solves
the axial and normal velocity components U and V'
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together with the pressure correction AP, the so called
U-V-P method. The latter scheme was prefered in the
calculation of turbulence effects because it is easier to
incorporate the turbulence model. The turbulence
model used in the old version was replaced by a low
Reynolds-number turbulence model, to be described
later, in order to deal with the turbulent flow at low
Reynolds number. The first scheme is based on the
method described by Gosman et al. [10] and the second
one origined from the 2/E/FIX code developed by Pun
and Spalding [ 11]. The details of the basic part of each
method can be found in refs. [7-11]. Therefore, a brief
description outlining the difference between the present
schemes and their original counterparts will be given
below.

Figure 3 shows the computation domain adopted in
the present study. In this domain, a maximum of 339
x 31 grid points were allocated non-uniformly such
that finer grid spacing is provided near the leading and
trailing edges of each plate in x-direction and near the
plate in y-direction. The non-uniformity of pressure
field around the leading edges of flat plates in the first
row can affect the flow upstream [12]. To assume
uniform inlet flow velocity and enthalpy, the upstream
boundary was located at a position where the flow is
free from the effects of such a non-uniform pressure
field. The downstream boundary was located at a
position of three times the streamwise width of the flat
plate downstream from the trailingedges of the platesin
the last row. The downstream boundary condition was
set by a method similar to that used in the references
[13, 147, which assumes that the flow there is governed
by the parabolic differential equation. Alternating
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FIG. 3. Computation domain.
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F1G. 4. Illustration of the grid points around corner.

protrusion of solid body into the flow space occurs
periodically when the finite thickness of the plate is
taken into account. A wall boundary condition similar
to that used in the previous study for the case of zero
plate thickness was applied to both of the plate surfaces
parallel and normal to the flow direction. One
difference is the boundary condition for the vorticity at
the corner of the flat plate. In the previous study, alinear
distribution of vorticity was assumed near the solid
surface. At the corner, there are two neighbouring grid
points inside the flow domain as shown in Fig. 4; one is
located on the streamwise grid line passing the corner
(point A) and another is located on the grid line normal
to the flow direction and passing the same corner (point
B). Assuming the linear distribution of w, two values of
vorticity w, and wg can be assigned for each corner. w,
is the value of vorticity related linearly to the vorticity at
the point A and wg is the one related linearly to the
vorticity at the point B. Both of these two assigned
values of vorticity were used for any corner in the
following manner. w, was used as the boundary
condition for the vorticity conservation in the cell
surrounding the grid point A, while wg was used in same
way for the cell surrounding the grid point B. This
method was compared with other methods to treat the
vorticity at the corner described by Roache [15]. The
calculated results with all such methods were only
slightly different from each other but the presently
adopted method was found to be stable and to lead to
better convergence. Incidentally, Patankar proposed a
method of treating a solid body protruding into the
flow passage [16]. He took the solid protrusion as a
part of the fluid having very large viscosity and assigned
the harmonic mean of the solid and fluid thermal
conductivities to the interface thermal conductivity.
This method was also examined in the present study by
incorporating it into the U-V—-P scheme. However, this
method was found to cause a numerical instability in
iteration process when the plate thickness becomes
large. This may have resulted from an inappropriate
variation of pressure correction during the iteration.
Although the flowinduced in the calculation in the solid
part is certainly very weak, it still results in an
incomplete overall mass conservation of real fluid. This
is because there is no specification of velocity or stream
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function at the solid—fluid interface. Thus, an error is
caused for the pressure correction which is determined
s0 as to satisfy the continuity equation. Additionally,
this method is not so useful for the heating condition at
uniform wall heat flux. Therefore, this method was
finally abandoned in the present computation.

In the computation of the free-stream turbulence
effect, the following set of the equations for the
turbulence kinetic energy k and its dissipation rate ¢ is
employed.

Dk 1 ¢ (p ok +,u, 6U,-+
Dt_pdxj Oy OX; p \0x;

6UQ6U€

0x; ) 0x;

oK' ok

—&e—2v 4)
Ox; 0x;
De 10 (w2, Cuns (22U,
Dt p dx; \o, 0Ox; p k\0x; 0x;) 0x;

k* \e
— CZ[I —-0.3 exp<— W)]T (5

where the tensor notation has been used, D/Dt is the
substantial derivative, U; the mean velocity along the
coordinate x;, o, and o, the counterparts of the
turbulent Prandt] number respectively for k and ¢, v the
kinematic viscosity of the fluid, and p, the turbulent
eddy viscosity defined with the values k and ¢ in the
following manner:

125
-
50 + —
ve

pk?

m=C,exp B

(6)

The chosen values of the constants C,, C, and C,in the
aboveequations are the same as those found inref. [17].
The above set of equations (4) and (5) is almost the same
as the model proposed by Launder and Spalding [17]
except for one point. One viscous term has been omitted
from the equivalent of equation (5), the governing
equation for the isotropic part of the dissipation rate of
turbulent kinetic energy following the expression by
Jones and Launder [18]. It is governed by the energy
transfer rate in the wave number space in the direction
from large energy containing eddies to smaller ones.
This rate should be free from the viscous effects. This is
the major reason for dropping the term. Additionally,
the dropped term includes the second derivatives of
mean velocities. From the numerical view point, the
dropped term is likely to cause numerical instability.
Plumb and Kennedy [19] succeeded in predicting
turbulent free convection on a vertical flat plate but, in
the present study, the thermal effects on the turbulence
considered by them has been ignored. This is because it
is uncertain if their model for high Rayleigh number
flow can work for the turbulence at low Reynolds
number presently concerned.

The boundary conditions for k and ¢ at the flat plate
surface were given by k = ¢ = 0. Zero values were also
assigned to the wall values of U and V. The normal

HMT 28:4-G
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gradient of AP at the wall was set equal tozero [11].In
the computation of a case when the flat plate is heated
or cooled at uniform wall temperature, the wall
enthalpy was given and the wall heat flux was computed
from the fluid temperature gradient at the interface. In
another case when the flat plate is heated or cooled at
uniform heat flux, the wall heat flux was accounted as
the source term for the enthalpy balance in the grid cell
adjoining the flat plate and the surface temperature was
computed through the iteration. The boundary
conditions for the above variables at other boundary
positions were given similarly to those used in the first
scheme.

Since the present experiments were performed for
upward flow heated by the heat transfer system, the
numerical computations to be compared with such
experimental results were also done for the upward
flow. In the present computation, the Boussinesq
approximation is not used because it does not have
wide validity [23]. Therefore, as shown in ref. [7],
upward heated flow is not equivalent to downward
cooled flow. In the computation whose results will be
discussed in the last part of the present paper, attention
was paid to the downward flow from which thermal
energy is extracted by the heat transfer system. This is
an interesting situation from the practical view point as
has been mentioned already. In the computations, the
temperature of the flat plates mounted in staggered
array was assumed to be kept at uniform temperature.
The temperature level of the flat plate will be presented
with the Grashof number Gr defined below. In the
discussions of the results of such computations, the
averaged Nusselt number Nu and the pressure loss
coefficient C¥ will be introduced.

_ (45PgBo| T, — Tl

G = 7
r > )]

Nu dx ®)

1 iL
Nu=_—
H igl J‘u‘—l)L

— 1 [P, _,—P,—pogH
cx = _j H 02 Po dy ©)
28 Jo poUs
where
48
Nu =Sl
)“m'Tw_Tml

In the above equations, H is the total depth of the heat
transfer system and N is the row number of the flat
plates or fins, so that H = NL. Integration over the
space 28 was introduced to account for the fact that the
pressure distributes non-uniformly across the flow
passage [7]. Since the static head pogH has been

subtracted in equation (9), C¥ approximately expresses
the level of the pressure loss caused by an introduction
of the heat transfer system into the flow line of waste gas.
Its positive value yields a pressure gain as a result of the
superposed free convection which drives the fluid
naturally.
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4. COMPARISONS BETWEEN NUMERICAL
COMPUTATION AND EXPERIMENT

It may be worthwhile to compare first the results of
the two numerical schemes used in the present study
with each other. Figure 5 shows an example of such a
comparison. The two computed distributions of local
Nusselt number were obtained for a common case ; the
upward flow at Re = 500, heated by the three-row
staggered array of the vertical flat plates with zero
thickness. The flat plate surface was assumed to be
maintained at a uniform heat flux corresponding to
Gr*/Re* = 80.The two results agree very well with each
other. This proves that the difference in the
computation scheme is not important in discussing the
computed results.

In the previous study, the free—forced mixed
convection was demonstrated to be effective in
reducing the pressure loss occurring inside the heat
transfer system as well as in aiding the heat transfer [ 7].
However, any validation of the numerical scheme was
not given. Figure 6 shows the comparison between the
experimental data of local Nusselt number presently
obtained for upward heated flow and its corresponding
numerical one. Since the actual thickness of the plate in
the experiment was thin such that ¢/2S = 0.033, zero
thickness of the plate was assumed in the computation.
The good agreement between the experiment and the
numerical computation validates the numerical
scheme used in the previous and present studies, at
least, for the case of a thin flat plate. Considering that
the relationship Gr* = Gr Nu* holds and that the
average Nusselt number for this case is approximately
25, the value of Gr*/Re? chosen in this case is
approximately equivalent to Gr/Re? = 6. Comparing
this with the results of the previous study [7], the flow
attained in this experiment is believed to be in the free—
forced mixed convection regime.

Figure 7 shows the distribution of the local Nusselt
number presently obtained experimentally for the heat
transfer system having thicker plates. Its numerical
counterparts are also shown for the two cases of the

1’00 T T T Tﬁ T
I —— ¢-w method 4
——~— U-¥P method
F 1
Re = 500
g Gr*/Re? = 80

$=0023m

100 Lss =1

50

20 i i - N | S

10 L 20 30

F16G. 5. Comparison of two numerical schemes.

- T T T - “
Re = 568
100} 6r'=543.107 7
9w = const. q
'g — prediction )
50 H o experiment _}
L 1
1 " 1 " i n
00 10 20 30

XL

F1G. 6. Comparison for the heat transfer system with thinner
flat plates.

plate thickness t/S = 0.0 and ¢/S = 0.267. Although the
experiment shows higher values of Nu compared to the
numerical results, this degree of discrepancy may be
tolerable and does not significantly detract from the
following discussion of the present numerical results,
even for the heat transfer system with finite thickness of
the plates. Comparing the experimental results plotted
in Fig. 7 with those in Fig. 6 for the system having
thinner plates, it may be concluded that the effects of flat
plate thickness is rather small, at least, within the range
of the thickness tested in the present experiment.
Numerical results also show that the difference in plate
thickness does not cause significant change in heat
transfer results. In connection with this, another
comparisonisshownin Fig. 8 of the numerical results of
local Nusselt number for the three different cases of
plate thickness. The chosen value of L/S is smaller
in this figure than in Fig. 7. There are noticeable
differences among the three results around the trailing
edge of each plate but the difference in the averaged
Nusselt number caused by the change in ¢/S is
concluded to be rather small within its range to be
encountered in practices. Incidentally, flow separation
leading to heat transfer deterioration was initially

300 —

Re =428 S=0015m
Gr*7Re?= 287 L=005m
O EXPERIMENT
PREDICTION
~— t/5:=0267
- t/5=00

100

Nu*®
P BN

[¢] 10 20 30
x/L

F1G. 7. Comparison for the heat transfer system with thicker
flat plates.
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400

r Re=500 S$=0023m -
Gr*/Re?=80 L/S=1
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100 10 20 30

FiG. 8. Effects of flat plate thickness on local Nusselt number.

suspected to occur at a position close to the leading
edge of each plate, more likely so when the plate is
thicker. However, it is felt reasonable to conclude that
such heat transfer deterioration is not significant at the
Reynolds numbers presently studied. No symptom of
such flow separation was found in the calculated
velocity field, even in the case of the thickest plate.
Experimental heat transfer data did not show any
significant difference between the two cases of different
plate thickness. At rather low Reynolds number
presently considered, non-uniform pressure field
formed around the leading edge of the plate [ 12] would
have accelerated the flow just after the leading edge and
have suppressed the flow separation there. Additional
discussions on the effects of the plate thickness will be
given later.

Figure 9 shows the experimental results of the local
Nusselt number for four cases ; one for the case using no
turbulence generating grid and others for the three
cases using turbulence grids of different rod pitch. It is
seen that the insertion of a turbulence grid affects the
heat transfer characteristics very little. The chosen
value of Reynolds number in this comparison is not

200 ' T : ; .
Re =500 S=0015m
Gr"/Re? =100 L =005m
100} O NO GRID .
A M=24mm ]
o M=18 mm 4
‘é' v M=12mm -
—— PREDICTION -
10 1 i s 1 1
0 0, 20 30
Fi1G. 9. Effects of insertion of turbulence grid on local Nusselt
number.
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GrY/RE= T & M=24mm
100 o M=18mm
C v M=12Zmm ]
5 i L | 1 1 1
0 1.0 2-0 30
x/L
FiG. 10. Effects of free-stream turbulence at elevated Reynolds
number.

high enough, as mentioned before, to confirm that the
turbulence grids effectively produce free-stream
turbulence. Thus, another experiment was performed
at Re = 3700 and the obtained results are shown in Fig.
10. To protect the heat transfer surface from thermal
damage, the value of Gr*/Re? was set equal to 7. This
value is sufficiently low that the flow observed in this
additional experiment was of the pure forced
convection regime. At this Reynolds number, the
turbulence intensity Tu observed at the inlet to the
array was 1.3%, when no turbulence grid was used but it
was experimentally confirmed to be 4.8, 4.4 and 4.1%,
respectively in the cases with the turbulence grids of rod
pitch M = 24, 18 and 12 mm. Figure 8 indicates that the
free-stream turbulence affects the value of Nu very little
even at this higher Reynolds number.

InFig. 9 a numerically obtained result is also plotted.
In this computation, the level of the streamwise velocity
fluctuation normalized by the streamwise mean
velocity, Tu, was assumed to be 19. This value of Tu
corresponds to the value obtained experimentally with
a hot-wire anemometer. The length scale of turbulence
L. used for the determination of ¢ [20] for the inlet flow
was assumed to be 2.7 cm. This value of L, does not
contradict with the assumption that the length scale of
practically possible flow disturbing source, and
therefore of turbulence, is closed to the fin pitch 2S. The
numerical results agree fairly well with the experi-
mental results. Further examination was made
numerically for the effects of the turbulence intensity
and length scale of the free-stream turbulence. Such
results are tabulated in Table 1. The symbol * in the
table means that good converged result could not be
obtained. The tabulated averaged Nusselt number
differs very little from one to another and this indicates
that the heat transfer characteristics are affected little
by the free-stream turbulence within the examined
ranges of its intensity and length scale.

In Fig. 11, a comparison is given between the present
two-dimensional numerical computation and the
experimental results by London and Shah for practical
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Table 1. Comparison of mean Nusselt
number Nu
L, Tu
(em) 2% 4 6%
2.70 42.08 41.98 —
1.80 42.11 41.94 —
0.90 42.00 41.94 41.88

offset-strip-fin compact heat exchanger used in pure
forced convection flow regime. Since no information is
available for the free-stream turbulence in their report,
the equations for k and ¢ were not solved in this
particular computation. However, this is not crucial
because its effect has just been shown to be small.
Schematic illustration of the practical heat exchanger
treated by London and Shah is given in Fig. 12. In the
computation, B/4S was assumed infintely large but the
fin efficiency was taken to be unity. Prelimincry study
based on heat conduction theory and an estimated
average Nusselt number has shown that the fin
efficiency is very close to unity. In the reported
experimental results, the friction factor fand the heat
transfer factor j are defined as the averaged values over
the total heat transfer surface area A. However, the
present computation gives their values only for the fin
surface area A;. Therefore, the computed values of fand
J must be converted into their equivalents correspond-
ing to the presented form of experimental results. This
was carried out simply by multiplying each by the ratio
A;/A. This is not likely to cause significant error
because the fraction (1 — 4;/A) is smaller than another
fraction A;/A and the velocity and thermal boundary
layers are much thicker on the area (4 — A¢) than on the
fin surface area A;. Additionally, all the results are
presented against the Reynolds number Re*, which is
defined with the hydraulic diameter of the practical
heat exchanger as the representative length. The
number of fin rows was reported in the ref. [1] to be in
therange 12 < N < 52.Since the effect of the value of N
on the heat transfer performance will be shown later to
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F1G. 11. Comparison with the experiments by London and
Shah.

be small when N > 13, N was set equal to 15 in this
computation. Furthermore, in this computation, the
variation of fluid properties with gas temperature was
not considered and they were evaluated at the room
temperature. This is because the correct level of gas
temperature is not available in [1].

The present computation agrees well, qualitatively,
with the experiments of London and Shah and seems to
be better than the computation given by Patanker and
Prakash for a single module located deep in the heat
exchanger [6]. Their computation shows steeper
dependence of fand j on Reynolds number. In Fig. 11,
better agreement with experiment is found for fthan for
Jj. Another similar comparison is given in Fig. 13, in
which the present numerical results are compared
again with the experiments by London and Shah but for
the offset-strip-fin compact heat exchanger of another
geometry. In this comparison, better agreement is
found for the heat transfer characteristics and for the

Evaporating
Substance

F1G. 12. Schematic view of offset-strip-fin type compact heat exchanger.
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F1G. 13. Comparison with the experiments by London and
Shah [1].

apparent friction factor compared to the previous
figure, although the span ratio B/4S of this case is
smaller. The reason for this inconsistency between Figs.
11 and 13 may not be attributed only to the inadequacy
of the present numerical computation. Yang [21]
suggested that the heat transfer is enhanced by the
unsteady flow incurred in the wake of each fin at the
Reynolds number above about 100. Since, in Fig. 11, the
present computation shows higher value of j than its
experimental value, this cannot be confirmed directly.
He also suggested that the dependency of f and j on
Reynolds number becomes milder in the second
laminar flow regime where the flow becomes unsteady.
Mochizukiand Yagi[22] performed flow vizualization
experiments for the arrays of staggered flat plates and
found that the flow becomes unsteady at the Reynolds
number Re,, based on the plate thickness, above 50.
Considering that the heat exchanger used in the
experiments of Fig. 11 has the fin thickness to hydraulic
diameter ratio 0.043, the critical value of Re* for the
onset of unsteady flow is estimated around 1100.
Therefore, the onset of unsteady flow does not
contribute to the inconsistency pointed out above, at
least in the range of Re* below 800 where the
computation of f shows good qualitative agreement
with the experimental results. The practical heat
exchanger might have geometrical inaccuracy. This
may affect both of its heat and flow characteristics. In
addition to this, contact heat transfeﬁ ' resistance
between the fins and the base body cannot be ignored
for practical heat exchanger. These have some non-
reproducible character and may partially contribute to
the inconsistency in discussion. Three-dimensionality
of the practical heat exchanger is certainly one of the
causes of the discrepancy between the presently
computed value and the experimental counterpart.
Thus, it may be interesting to carry out the three-

dimensional computation in future. However, the good
qualitative agreement between the present computa-
tion and the experiment found in low Reynolds number
range suggests that the present two-dimensional
computation is still available to learn how geometric
parameters can affect the performance of heat
exchanger. From this view point, more detailed
discussions will be given below on the effects of some
geometric parameters for the two-dimensional heat
transfer system with staggered array of flat plates used
in the free—forced mixed convection regime.

5. EFFECTS OF GEOMETRIC
PARAMETERS

First, the effects of fin or plate thickness will be
addressed, which has partially been discussed above.
For the three cases whose heat transfer results have
been presented in Fig. 8, the simultaneously computed

distribution of local pressure loss coefficient C_p are
plotted in Fig. 14. The definition of C,, is as follows:

C = 1 2SP_PO_Pogxd
p_ﬁ U2 Y.
0 PoYo

(10)
As is found most remarkably in the case of thickest
plates, pressure loss occurs at the positions correspond-
ingto theleading and trailing edges of each plate. Thisis
a main cause of large total pressure loss for the system
with thicker plates. For the reasons mentioned
previously, larger pressure loss is undesirable for a heat
exchanger which is to be used for the recovery of
thermal energy from waste gas. As also pointed out
previously, an increase of local Nusselt number occurs
around the trailing edge, especially for the first and
second plates, when ¢/S is increased. However, it is also
perceived that the average Nusselt number does not
vary so remarkably with an increase of ¢/S. Therefore,
there is no good reason to prefer thicker fins.

The fin thickness to hydraulic diameter ratio 0.043 of
Fig. 11 corresponds to the value of t/2S below 0.2.
Figures 8 and 14 indicate that the heat transfer and flow
characteristics of the heat transfer system having the
value of t/2S below 0.2 can be approximated by the ones
computed for the case of t/25 = 0.0. For this reason, the
following discussions about the effects of other
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F1G. 14. Calculated local pressure loss coefficient.
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F1G. 15. Change of average Nusselt number with the offset
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geometrical parameters will be given based on the
computations for the heat transfer system having
staggered array of flat plates with zero thickness. In
these computations, the Reynolds number and the
value of Gr/Re? were also changed.

Incidentally, the value of Gr/Re? is about 3 in the
computations plotted in Fig. 14. This is a case when the
superposed free convection is weak [7]. Reduction of
pressure loss due to the superposition of free convection
is still found. More remarkable reduction of the total
pressure loss is expected if the value of Gr/Re” can be
brought higher.

Next, the effect of the offset length L of the flat plate
will be discussed. In this case, the total depth of the
system was unchanged so that the total number of the
rows of plates is proportional to the reciprocal of L.
Figures 15and 16 show respectively the variation of Nu
and C¥ with the change of L. The obtained value of CF is
positive for all the computed conditions. Thisis because

the flow is in the mixed convection flow regime. Nu
increases as L is decreased. Thus, a shorter offset length
of the plate is better for heat transfer performance.
However, the increase of Nu with the decrease of L is
rather small when H/L > 5. The same is also found for
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F1G. 16. Change ofC_;‘ with the offset length L.
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F1G. 17. Change of Nu with the total depth H.

C¥. Thus, excessive interruption of the heat transfer
surface is not efficient and subsequently does not match
its higher production cost. Incidentally, Figs. 15 and 16
show that Nu and C} increase with an increase of
Gr/Re? for any offset length of the flat plate. This is the
effects caused by the superposed free convection.
Computations have also been made for the cases
keeping the offset length of the flat plate constant but
changing the total depth of the system. In these
computations, the total depth is proportional to the
total number of the rows of the flat plates. The

computed results of Nu and Fj are plotted in Figs. 17
and 18. In the smallest case of Gr/Re?, when the
superposed free convection is weakest as seen from the

value of C¥ in Fig. 18, the value of Nu decreases as the
total number of the rows N is increased. The velocity
and thermal boundary layers become thicker on a flat
plate at the location of larger depth, because the
velocity defect and temperature defect do not recover
completely in the wake region of each flat plate. This
tends to deteriorate the heat transfer from one plate to
another atlarger depthin the system. Thus, the decrease

of Nu with the increase of N is not surprising. However.
even at this smallest value of Gr/Re?, such a tendency

Gr/Re? = 8
Gr/Re?= 6
Gr/Re? = 4

Gr/Re? =

FIG. 18. Change of C¥ with the total depth H.
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becomes almost unremarkable when N > 13. This
indicates that the velocity and thermal fields become
fully developed at the depth after the first 13 rows. Inthe

cases of larger value of Gr/Re?, the decrease of Nu with

theincrease of N is less noticeable and Nu is found even
increasing with the increase of N. From the results
plotted in Fig. 17, better heat transfer performance may
be expected to result from adding more module to the
downstream end of heat exchanger, at least, when
Gr/Re*> = 6. This feature may be caused by the
combination of the following three effects of the
superposed free convection. (1) The flow acceleration
continues to proceed in the wake of a flat plate because
of the existing temperature defect in the wake. This is
facilitated by the larger rate of the fluid entrainment in-
to the wake. This means that the restoration from the
temperature defect should also be accelerated. This
faster restoration of the velocity and temperature
defects leads to a condition of thinner velocity and
temperature boundary layers to be formed around the
next flat plate. This brings a tendency of less
deterioration towards the downstream end of the
system. (2) The augmentation of heat transfer due to the
superposed free convection comes into effect only when
the velocity profile is sufficiently distorted. As found in
another simple flow situation [14], heat transfer
enhancement occurs only after some distance from the
inlet although the flow acceleration itself should start
from the inlet. This suggests that, with larger depth of
the heat transfer system, enhancement effects of
superposed free convection is expected in a larger
fraction of the total depth. (3) For the heat transfer
system with uniform flat plate temperature, the bulk
mean temperature of the fluid comes closer to the flat
plate temperature toward the downstream end. This
means that an excess gravitational force, which is
effective in deforming the velocity profile, decreases
toward the downstream end. However, as will presently
be seen, this decreasing tendency is mitigated in the
computed cases of downward flow cooled by the flat
plates. This is because the variation of fluid properties
occurs in such a way that the decrease of the effective
local Grashof number toward the downstream end is
suppressed [14].

In Figs. 15-18, the pitch between neighbouring flat
plates, 25, was assumed to be constant value of 0.023 m.
Therefore, it may be worthwhile to show additionally
how this pitch affects the flow and heat transfer
performance of the system. Two examples of this are
shownin Figs. 19 and 20. In these calculations, the offset
length of the plate L was not changed and the total
number of the flat plate rows was also kept the same.
The flat plate temperature was kept constant so that the
value of Gr varies with the change in the value of S. The
value of Gr/Re® was setin a way thatits valueat S/L = 1
is equal to 4. While the Reynolds number was kept
constant in Fig. 19, the fluid inlet velocity was kept
constant in Fig. 20. Therefore, in the former figure, the
value of Gr/Re? varies proportional to S3 but, in the
latter figure, Gr/Re? varies proportionally with S. In the
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FiG. 19. Effects of fin pitch at constant Reynolds number.

latter case, the value of Re varies proportionally with S.
In Fig. 20, the fluid inlet velocity was set in such a way
thatthevalue of Reat S/L = 1is 500. Since theinclusion
of 2§ in the definition of Nu is inconvenient to see the
effects of the plate pitch on the heat transfer
performance, the mean heat transfer coefficient h =
Ao Nu/4S is plotted in Figs. 19 and 20. In these two
figures, the recovery factor of available thermal energy
n defined below is also plotted.

_ LT
T T,—T,

n (11)
where T* is the bulk mean temperature of the fluid at
the outlet from the heat transfer system. The
temperature difference (T, — T,,) represents the amount
of available thermal energy of waste gas at the inlet to
the system and (T, — T*) represents the amount of
recovered thermal energy. # may be expressed as

n=_¢st (12)
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FiG. 20. Effects of fin pitch at constant gas velocity.
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where & is the ratio between the total heat transfer
surface area and the total frontal area of the system,
NL/S, and represents the packing density of the heat

transfer surface. The average Stanton number St has
been defined as follows:

L

— 1

St=— W dx. (13
poCoiUo(To—Ty) gl dx. (13)

1 N i
H izzl (i—1)L

Considering a case for which the increment of bulk
mean temperature within the length L of a plate is
much smaller than the temperature difference (T,,— T,,)
and the distribution of local Nusselt number Nu is
approximately the same for all flat plates, the above

relationship for St may be approximated by the
following form:

o m (Tm - Tw)

St=—— —F— 14
Re Pr (Ty,—T,) (14)

where T,, is the arithmetic mean of the bulk mean
temperature of the fluid evaluated at the leading edge of
the flat plate in every row. The following relationship is

introduced here for Nu.

Nu = 0.664 Pr'’® Re''?  /4S/L.

While the present flow is neither one of boundary-layer
type nor one in pure forced convection regime as
assumed in reducing equation (15), the above equation
may be taken as a rule of thumb for the discussions of
some features of the effects of geometrical parameters
and fluid velocity.

In Fig. 19, the value of # is found to decrease rather
moderately with an increase of S. This is because the

decrease of the ratio ¢ with the increase of § is
compensated by the increase of St. From equations (14)
and (15), the value of Nu, and therefore the value of St,
are expected to increase with the increase of S.
Additionally, remarkable change in Gr/Re? results in
an intensification of the superposed free convection
with an increase of S leading to the magnification of the
change of St with the change in S. Although the value of
¢ decreases proportionally with reciprocal of S, the

(15)

value of —CE increases steeply with the increase of S. This
results also from the remarkable increase of Gr/Re?. his
found to decrease in Fig. 19 when S is increased. This is

K. Suzuki, E. Hiral, T. MiYake and T. SaTto

reasonable from equation (15). Slightness of the
decrease of h observed when S is increased from the
value of S/L = 1 is again brought about by the large
increase of Gr/Re?.

In Fig. 20, C} is found to decrease with an increase of
S in an opposite way to the tendency found in Fig. 19.
This is because the increase of Gr/Re? proportional to §
is not effective enough to compensate for the reduction
of the ratio &. The same reason leads to larger change in
the recovery factor of available energy #. Another
reason for this larger change of # is that the Reynolds
number varies in Fig. 20 with the change in S. Because
of this, in the light of equations (14) and (15), no direct

increase of St is expected with anincrease of S, contrary

to the increasing tendency of St previously pointed out
for Fig. 19.

The mean heat transfer coefficient 4 is found to
decrease with the increase of S also in Fig. 20. This
cannot be accounted for only by equation (15). To
explain this point, several velocity distributions
obtained at different streamwise locations for a pure
forced convection regime are plotted in Fig. 21. It is
found that the velocity defect in the wake of each plate is
restored faster for smaller spacing between the
neighbouring plates. This results in a larger gas
approaching velocity for the flat plate in the next row
and provides a condition for thinning the velocity and
temperature boundary layers on that plate. This
increases the heat transfer coefficient on that plate, and
therefore, the value of i also. This is confirmed from the
change of i for the pure forced convection regime which
is also plotted in Fig. 20. The superposed free
convection makes the problem a little more
complicated in the freeforced mixed convection
regime but not so much as altering the basic feature of
the problem. The degree of the effects of superposed free
convection may be guessed from the magnitude of
deviation between the value of k for the free~forced
mixed convection regime and its counterpart for pure
forced convection regime. Faster restoration of the
velocity defect in the wake for the case of smaller S
found in Fig. 21 may have been caused by the fact that
the deflection of streamlines due to the increase of
displacement thickness on each plate is likely to extend
to the wake regionif the distance between the centre line
of the wake and the neighbouring plate is smaller.

1.0

y/S

0-0

F1G. 21. Velocity distributions obtained for different fin pitch (pure forced convection flow regime).
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For the heat exchanger to be used for extracting
thermal energy from waste gas, to keep the value of
high is important. Moderate reduction in the value of »
resulting from widening the fin space may be restored
by lengthening the depth of the heat exchanger, if space
is available for that. This may produce another
desirable feature at the same time when the heat
exchanger is used in the free—forced mixed convection
regime. From the results in Fig. 18, higher values of
pressure gain are then expected. Figure 17 indicates

that even the value of Nu can also be increased then if
the value of Gr/Re? is as high as 6.

5. CONCLUDING REMARKS

Experimental and numerical research has been done
for a two-dimensional model of the offset-strip-fin type
compact heat exchanger to be used at low Reynolds
number in the free—forced mixed convection regime.

The two numerical schemes used in the present study
have been confirmed to give almost the same results for
the heat transfer characteristics of the two-dimensional
model. Numerical computations taking account of the
finite thickness of the plates and of the free-stream
turbulence have been validated through comparing the
computed results with the present experimental results.
The present two-dimensional computation is in
qualitatively good agreement with the performance
study for the practical offset-strip-fin type heat
exchanger in the range of Reynolds number of Re <
800. It is found that there is no good reason to prefer
thicker fins for the heat exchanger to be used for the
purpose of thermal energy recovery from waste gas.
Shorter fin offset length gives better heat transfer
performance but interruption of fins too often is not
efficient enough to justify its higher production cost.
Larger depth of the heat exchanger leads to better
performance, especially, when the available level of
Gr/Re?isas high as 6. For the heat exchanger to be used
for the purpose presently concerned, the dense packing
may not be the crucial requirement. Moderate
deterioration of the performance caused by the larger
fin pitch may be restored by lengthening the depth of
the heat exchanger when space is available for that.
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ETUDE NUMERIQUE ET EXPERIMENTALE SUR UN MODELE BIDIMENSIONNEL
D’AILETTE EN RUBAN D’UN ECHANGEUR COMPACT UTILISE AUX FAIBLES
NOMBRES DE REYNOLDS

Résumé— On présente une étude numérique et expérimentale de I'écoulement et des caractéristiques
thermiques pour un systéme bidimensionnel avec un arrangement étagé de plaques planes verticales utilisé
pour le régime de convection mixte aux faibles nombres de Reynolds. Les schémas numériques utilisés sont
validés a travers la comparaison des résultats numériques et des données expérimentales obtenus dans cette
étude. On discute les effets de I'épaisseur de I'ailette et de la turbulence de I'écoulement. Des comparaisons sont
aussi faites entre le présent calcul en bidimensionnel et les données expérimentales pour un échangeur compact
4 ailettes eu ruban et on ajoute des commentaires sur les eflets de la tridimensionnalité. On présente enfin la
discussion des effets de quelques parameétres géométriques de I'échangeur sur ces performances, a partir des
présents travaux numériques.

ZWEIDIMENSIONALE NUMERISCHE UND EXPERIMENTELLE UNTERSUCHUNG EINES
‘OFFSET-STRIP-FIN-KOMPAKTWARMETAUSCHERS BEI KLEINEN REYNOLDS-ZAHLEN

Zusammenfassung—Bei der Mischkonvektion in einer zweidimensionalen gestaffelten Anordnung von
senkrechten ebenen Platten wurden Stromung und Wirmeiibergang bei kleinen Reynolds-Zahlen numerisch
und experimentell untersucht. Dabei wurde das numerische Modell anhand der MeBdaten bestitigt. Bei
diesem Vergleich werden die Einfliisse von Rippendicke und Freistrahlturbulenz diskutiert. Die Ergebnisse
des zweidimensionalen Rechenmodells werden dariiber hinaus mit Versuchsergebnissen von praktisch
ausgefiihrten “offset-strip-fin’-Warmetauschern verglichen. Der Einflul dreidimensionaler Vorgidnge wird
erdrtert. Anhand der numerischen Ergebnisse wird der EinfluB der Geometrie auf die Leistung des
Wirmetauschers dargestellt.

YUCJIEHHOE U 3KCMEPUMEHTAJbHOE UCCIEJAOBAHHUE JABYMEPHOHN MOJIEJIMN
KOMITAKTHOT'O TEIIOOBMEHHUKA C TJIACTUHYATBLIMUW PEBPAMMU [MPU
MAJIbIX YUCTAX PEMHOJBACA

Annotauns-— [TpoBeacHb! YHCICHHBIE H KCTICPHMEHIAIbHBIE HCCTICAOBAHHS XAPAK IEPHCTHK [CUYCHHS W
[EM;I000MEHA IBYMEPHOH CHCTCMBI € ILAXME THBIM PACHOHOKCHUCM BCPTHKA IbHDIY MLI0CKHX TLIACIHH B
AHANA30HE MadblXx 4HceT Pelinonbaca B pexdMe cMemannoi koupekuuu. TIpHveHseMble YuC10BbIe
cXeMbl  OOOCHOBBIBAKOTCA TYTCM  CPABHCHHS  YHCIICHHBIX  PE3Y.ILIATOB ¢ COOIBCTCTBYIOLINMHU
IKCICPUMEHTATLHBIMH JAHHBIMU, TTOJIYYCHHBIMU B paboTe. AHATU3IAPYETC BIHAHME TO.IWLHHBI pedpa 1
1yp6Y.ICHTHOCTH ¢BOBOIHOTO M0T10KA. TIpOBEACHO CPABHEHHE MOy MPCICTAB.ICHHBIMH PacHe TAMH
IS ABYMEPHOIO  CJAVYAS M OKCHEPUMCHTWIBHBIMH  LIdHHBIMH L1 PCalIbHOIO  KOMIIAKTHOTO
TEN.I00OMEHHMKY € IUIACTVHYATBIME PEOPAMH, O1MEHUeTCs BIMAHMC TpeaMepHoctd. B 3akmiovcHue
PACCMOTPCHO  OCHOBUHHOE M YHCICHHBIX  PACYEIaX  BIIMSHHE  ICOMEIPHYCCKHX  NUPAMCTPOB
1CIIOOOMCHHHKA Hit ¢10 )hPCKTHBHOC (L,



